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Abstract: The limitations of an existing characteristic-time combustion (CTC) model are
explored and a new combustion model is developed and applied to simulate combustion in
dual-fuel engines in which the premixed natural gas is ignited by the combustion flame initiated
by a diesel spray. The model consists of a diesel auto-ignition model and a flame propagation
model. A G-equation-based model previously developed to simulate SI engine combustion was
incorporated with an auto-ignition model to simulate the flame propagation process in partially
premixed environments. The computer code is based on the KIVA-3V code and consists of
updated sub-models to simulate more accurately the fuel spray atomization, auto-ignition,
combustion, and emissions processes. Modifications were made to implement the level set
G-equation approach and to track the location of the flame as a function of the turbulent flame
speed, flame curvature, flow velocity, and the movement of the computational mesh in the
engine environment. Good agreement with engine experiments was obtained by using the

present model.
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1 INTRODUCTION

Natural gas is regarded as a viable alternative to
liquid petroleum fuels. Compression ignition engines
running on natural gas as the primary fuel pro-
duce low oxides of nitrogen (NO,) and particulate
emissions [1,2]. Use of compressed natural gas
in compression ignition engines does not require
extensive modifications to the system. Diesel engines
may be readily converted to operate primarily on
natural gas using diesel pilot injection to achieve
ignition. However, careful design is required to prevent
excessive diesel fuel usage and high hydrocarbon
(HC) emissions. A well-configured pilot-ignited dual-
fuel engine shows significant potential to rival diesel
engines in their thermal efficiency and exhaust
emissions.

Experimental research in dual-fuel engines has
concentrated on defining the extent of dual fuelling
and its effects on emissions and performance [2, 3].
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It is found that increased natural gas energy sub-
stitution is very effective in NO, reduction [4] but
engine operation can suffer from high HC emissions
and poor performance, especially at light loads [5, 6].

In addition to experiments, there have been efforts
to develop computer models to help understand the
dual-fuel combustion process. Models as simple as
phenomenological and as detailed as computational
fluid dynamics (CFD) models have been proposed by
various researchers. For example, a two-zone model
was developed to simulate diesel/natural gas com-
bustion using a semi-empirical spray model for diesel
spray simulation by Hountalas and Papagiannakis
[7]. Natural gas injection, mixing, and spark ignition
parameters were also studied using a one-step global
reaction for combustion simulation [8]. A multi-
dimensional CFD model with a mixing-controlled
timescale combustion model has also been developed
to study the diesel spray and natural gas combustion
processes of a dual-fuel engine [1, 9].

Methane is the simplest but not a typical HC fuel.
A tremendous amount of attention has been paid to
studying its chemical kinetic mechanism. There have
been fundamental studies on natural gas ignition
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and combustion chemistry in recent years. The auto-
ignition of methane was studied experimentally to
obtain ignition delay data as a function of engine
cylinder pressure and temperature by the Sandia
group [10, 11]. Detailed chemical kinetic mechanisms
for methane oxidation have also been developed
[12-14]. But computational time and storage con-
straints place severe restrictions on the complexity
of the chemical kinetic mechanism that can be used
for detailed chemistry calculations. Reaction mech-
anisms involving a small number of species and
reactions are used to cut the calculation time while
maintaining the overall accuracy of the predictions.
A one-step global reaction representing the overall
combustion through species fuel, CO, CO,, H,, and
H,O is also used [15].

The objective of the present research was to
develop a model to simulate diesel/natural gas com-
bustion in dual-fuel engines. Realizing the possibility
of flame propagation in premixed mixtures, a flame
propagation model based on the level set method of
Peters [16] and Tan and Reitz [17] was implemented
into the KIVA-3V diesel engine CFD code. The new
model was validated by comparing with the experi-
mental engine data.

2 EXPERIMENTAL SET-UP

The engine used in the present study was a Caterpillar
single cylinder, four-stroke, direct injection diesel
engine with the specifications given in Table 1 [1, 6].
A schematic diagram of the engine set-up is shown
in Fig. 1. The engine was coupled to a d.c. dynamo-
meter and the experiments were carried out at a
constant speed of 1700 r/min. Turbocharged engine
operation was simulated by controlling the intake air
and exhaust pressures. The intake temperature and
pressure were chosen to give stable but knock-free
engine operation based on previous studies [4]. A
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Fig. 1 Experimental set-up

common-rail injection system was used for diesel
injection with a nozzle hole size of 0.15 mm. Crank-
angle-resolved in-cylinder pressure and the diesel
injection pressure were measured. The primary engine
fuel, i.e. natural gas, was a mixture of 98.3 per cent
methane, 1.3 per cent nitrogen, and less than 1 per
cent ethane and carbon dioxide. The natural gas was
injected into the intake manifold and its flowrate was
controlled by a thermal mass flow controller. The air
flowrate was measured using a laminar flow element.
The power output of the engine was maintained con-
stant by controlling the natural gas mass flowrate.
Engine exhaust NO, and HC emissions were also
measured. Details of the experimental set-up and the
emissions measurement system are given by Singh
et al. [1].

3 COMPUTATIONAL GEOMETRY

The piston geometry and computational mesh used
for the simulations are shown in Fig. 2. A 90° sector
mesh with cell density of 24 000 cells was used in

Table 1 Engine specifications

Parameter Specification

Engine type Single-cylinder, four-cycle, simulated turbo-charging
Bore x stroke (cm) 13.7 x 16.5

Displacement, L 2.43

Compression ratio 14.5:1

Primary fuel Compressed natural gas

Gas supply Intake port, 207 kPa

Ignition source
Fuel injection
Injection system
Number of nozzles 4
Combustion chamber
Number of valves per cylinder 4
Rated power (kW)

Diesel pilot
Diesel injection
After-market electronically controlled common-rail

Bowl in piston

42@2100 r/min
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Fig. 2 Computational mesh

this study, considering that the diesel injector has
four nozzle holes. The mesh was created using a
standard KIVA-3V pre-processor. This mesh resolution
has been found to give adequately grid-independent
results [17-20]. The diesel fuel injection rate shape
acquired from the experiments was used for simu-
lating diesel pilot injection. The falling-type injection
rate profile shown in Fig. 3 provides the maximum
injection velocities at the start of injection and the
minimum at the end of injection. The computations
were started from intake valve closure (IVC) assuming
a uniform mixture distribution. Therefore, in the case
of dual-fuel combustion, a homogeneous natural gas
and air mixture was assumed to exist in the cylinder
at the start of the simulations.

4 MOTIVATION

In previous work, the authors presented results of
applying a mixing-controlled turbulent timescale
diesel combustion model to dual-fuel combustion
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Fig. 3 Injection profile

[1, 9]. This conventional diesel combustion model
performed reasonably well under high diesel pilot
conditions (>10 per cent diesel) in which the lean
premixed natural gas was burned as a result of high
in-cylinder temperatures and turbulent flows created
by the significant diesel spray injection. However, as
the amount of diesel fuel was reduced to a very small
quantity, for example 3 per cent by energy, as is of
particular interest in applications, the energy released
by the natural gas mixture was not well predicted,
as shown in Fig. 4 [1]. Figure 4 shows experimental
and predicted in-cylinder pressure for 10 per cent and
3 per cent diesel pilot quantities. It can be observed
that the pressure trace is reasonably well repro-
duced for the higher diesel pilot quantity case
when compared with the case with very small diesel
pilot quantity. To understand the limitation of the
characteristic-time combustion (CTC) model in pre-
dicting combustion under conditions of very low
pilot quantity, one needs to visualize in-cylinder com-
bustion and relate it to the CTC model formulation.
Figure 5 shows in-cylinder temperature contours

10
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Fig. 4 Cylinder pressure for 10 per cent and 3 per cent
diesel pilot quantities using the conventional
diesel combustion model
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Fig. 5 Cylinder gas temperature for 3 per cent diesel
pilot quantity using the conventional diesel
combustion model
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for the 3 per cent diesel pilot quantity obtained by
using the CTC combustion model. It can be observed
that the high-temperature zone produced by the
diesel fuel combustion is confined to a very small
location near the floor of the piston bowl in the com-
bustion chamber. This high-temperature zone is the
result of combustion of diesel fuel and natural gas in
its vicinity. Diesel is assumed to ignite first due to its
low ignition temperature. Natural gas is consumed
locally due to the high temperature resulting from
diesel ignition. At small diesel pilot conditions, a pre-
mixed natural gas mixture is most likely burned as a
result of a flame propagation process that is not well
simulated by the timescale diesel combustion model.
In this case, a flame propagation model is needed
to simulate the dual-fuel combustion process. Unlike
in the case of spark ignition engines where a flame
is initiated at a fixed location by a spark plug, in the
present case the flame is initiated by auto-ignition
of diesel pilot injection at unspecified locations in
the combustion chamber. If the ignition source is
robust enough that the energy released from ignition
can compete with the heat loss to the surroundings,
the ignition source can develop into a propagating
flame. It is also possible for multiple flames to appear
simultaneously at different locations in the com-
bustion chamber. These considerations add com-
plexity to the model formulation.

5 MODEL FORMULATION

The CFD model used in this study is based on the
KIVA-3V code (Amsden [21]) with improvements in
various sub-models, including improved spray atom-
ization, ignition, combustion (flame propagation),
emissions, and wall heat transfer models [18-20, 22].
Only the auto-ignition, combustion, and NO, emis-
sions models will be briefly described here. Emphasis
will be given on the approach used to combine the
auto-ignition model with a flame propagation model.

5.1 Ignition model

For simplicity, the Shell auto-ignition model [23] and
a laminar and turbulent characteristic-time diesel
combustion model [22] were used together to simu-
late the ignition process of diesel fuel prior to flame
propagation. Detailed chemistry mechanisms could
have been used, but the simpler model was deemed
to be adequate for the present study.

5.1.1 Shell model

The Shell HC fuel auto-ignition model [18, 23] was
used to simulate the diesel ignition process. The

model uses a simplified reaction mechanism consist-
ing of eight generic reactions and five generic species.
The reactions represent four types of elementary
reaction steps that occur during the ignition pro-
cess, namely, initiation, propagation, branching, and
termination. The five generic species represent fuel,
oxygen, radicals, intermediate species, and branch-
ing agents. The reactions account for the degenerate
branching characteristics of HC fuels. The premise is
that degenerative branching controls the two-stage
ignition and cool flame phenomena seen during HC
auto-ignition. A chain propagation cycle is formu-
lated to describe the history of the branching agent
together with one initiation and two termination
reactions. Details of the model can be found in Kong
and Reitz [18] and Kong et al. [22].

5.1.2 Characteristic-time combustion model

The CTC model was used in conjunction with
the Shell model for predicting the ignition flame
kernel development. The CTC model calculates the
equilibrium concentration of each species and the
corresponding laminar and turbulent characteristic
times to determine species conversion rates [22].
Seven major combustion species are considered;
fuel, O,, N,, CO,, H,0, and CO. The rate of change
of the concentration of species i is given as

dy; Y, — Y}
dr T

(1)
C

where Y; is the concentration of species i, Y} is the
local and instantaneous thermodynamic equilibrium
concentration, and t. is the chemical conversion
time to achieve equilibrium. The chemical conver-
sion time is calculated as the sum of a kinetic laminar
timescale, 7;, and a turbulent mixing timescale, 7, as
follows:

T.=1,+ 17, (2)

The laminar timescale is derived from a one-step
kinetic reaction rate, and is modelled as [13]

E
Tl:A_I[CnH2n+2]0'75[02]_1'5 eXP<RuT> (3)

where A is a constant equal to 1.5 x 10°, E is the
activation energy 18 479 cal/mol, R, is the universal
gas constant, and T is the local gas temperature. f is
a progress variable (0 < f<1) which simulates the
influence of turbulence on combustion. f=0 prior
to combustion and f=1 when combustion is com-
pleted. In the ignition model, only diesel fuel was
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considered as the ‘fuel’. During the ignition process,
the value of f would be very small such that ignition
is controlled by the chemical kinetics of the fuel only.

5.2 Combustion model

The premixed natural gas and air mixture is con-
sumed by one or more turbulent flames that are
initiated by the ignition of the diesel fuel. The main
heat release occurs in a thin reaction sheet, i.e. a
flame which separates the burned and unburned
gases.

The flame front is tracked by a level set method
that was developed primarily for premixed com-
bustion [16, 17]. The flame is a three-dimensional
surface which is defined by G(%, ) = 0. The scalar G
divides the field into an unburned region (G < 0) and
a burned region (G > 0). The form of G equation used
here is given as

0G = Pu oo~ .
3, T Bor— Vyeriex) " VG = A VG| — Dikey|VG|  (4)

where 7y and vy are the fluid and mesh vertex
velocities (with the moving mesh), D, is the turbulent
diffusivity, and ky; is the mean flame curvature [24]
given as

. \Y¢:
"MZ“(‘m)

[(Gyy+G..)G2+ (G + G..)GE + (G + G, G?
~26,G,G,,—2G,G.G,. —26,G.G,.]
G2+ G2+ G2

)
The turbulent flame speed s° is a function of the

laminar flame speed s and the local flow conditions
and was expressed as [16]

a b2 a bZ 2 1/2
s?=s?+v’{ 4b3Da+ |:< 24b3Da> +a4b§Da} }
1 1

(6)

where V' is the turbulence intensity; a,=0.78,
b, =2.0, and b;=1.0 are constants derived from
the turbulence model; and the DamKohler number
Da is

s/
Da =

(7

V'l

1 is the turbulence integral length scale obtained from
the renormalization group (RNG) x —e¢ turbulence
model, and

(A/¢cp)o

= o ®
is the flame thickness. The heat conductivity 2 and
heat capacity c, are evaluated at the inner layer
temperature [16].

The flame speed was found to be very important
in the predictions. Standard literature flame speed
correlations did not provide satisfactory results in
the present engine simulations. Figure 6 shows the
laminar flame speed calculated from correlations
given by Rahim er al. [25] at a fixed pressure of
8 MPa. The correlation predicts the lean and rich
flammability limits of a methane-air mixture to be
0.45 and 1.6 respectively. Increased mixture tem-
perature does not extend the flammability limit. For
the experimental engine operating conditions, the
equivalence ratio of a premixed methane-air mixture
was as low as 0.35 (below the range of validity of the
correlation). But the engine operation was found to be
very stable and repeatable for these low equivalence
ratios. This suggests that the mixture conditions
inside the cylinder supported the propagation of a
flame. Also, the computational results show that
unburned charge temperatures as high as 1300-
1400 K were seen ahead of the flame front. Therefore,
it was concluded that available laminar flame speed
correlations such as those of Rahim et al. [25] could
not be used for this research. Thus, a laminar flame
speed library was generated for natural gas using
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Fig. 6 Laminar flame speed for mixture of methane
and air at 8 MPa as a function of equivalence
ratio and unburned gas temperature calculated
from correlation given by Rahim et al. [25]
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the PREMIX code [26]. Figure 7 shows the predicted
laminar flame speed as a function of unburned gas
temperature T, for different equivalence ratios at a
representative pressure of 8 MPa. The data library
included pressures up to 10 MPa. It can be observed
that under high-temperature conditions the lean and
rich flammability limits are extended widely.

The species density change in the computational
cell containing the mean flame front was given as
(24]

le u b A 0
E:(Yi - Yi);st %)

where A is the flame surface area and V is the cell
volume. Y; is the species mass fraction and the
superscripts u and b refer to their values in the G< 0
and G > 0 regions respectively. The rate of conversion
behind the flame is calculated by equation (1) using
the turbulent timescale only [24].

To extend the original diesel combustion model to
dual-fuel combustion, a new species i.e. methane
was added to the species array. The amount of diesel
fuel and methane were lumped together as ‘fuel’
before applying reaction equations. After the appli-
cation of equations (1) and (9), the remaining ‘fuel’
was redistributed back to both diesel fuel and
methane according to their original proportions. In
such a formulation, it is inherently assumed that the
conversion rates of diesel fuel and methane are the
same, which is a reasonable assumption.
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Fig. 7 Laminar flame speed for mixture of methane
and air at 8 MPa as a function of equivalence
ratio and unburned gas temperature calculated
by the PREMIX code

5.3 NO, model

The formation of NO, emissions was predicted
by using the extended Zel'dovich mechanism that
accounts for only thermal NO, in the post-flame
regions. The three reactions of the extended Zel'dovich
mechanism are [27]

K
O+N,2NO+N
ki
K

N+0,2NO+0 (10)

ks
ks
N+OH=NO+H
k3
Assuming steady state concentration for atomic
nitrogen (N), the rate of NO formation can be written
as [27]
d[NO]
dr

1 —[NOP/(K)[O,][N,]
1+ ki [NOV/(k5 [O,] + k3 [OH])

(11)

= 2k [O][N,]

where

)

In the model, minor species O and OH were assumed
to be in equilibrium.

6 SOLUTION ALGORITHM

1. The Shell and CTC models were used to predict
the ignition of diesel fuel and the formation of the
ignition kernel. These models were used only
in unburned regions, i.e. G <0. The Shell model
was used at low temperatures (7 < 1000 K) and
the CTC model was used at high temperatures
(T>1000K) until a fully developed flame was
formed. The ignition process was thus initially
controlled by chemical kinetics and turbulence
had no effect until the later stage, as dictated by
the progress variable f in equation (1).

2. As soon as an ignition kernel was formed, the

combustion model was activated by initialization
of the scalar G. The criterion used was that com-
putational cells with temperatures greater than
1200 K were regarded as ignition sites. This tem-
perature was chosen to account for the 300-400 K
rise in temperature because of ignition. In these
cells, an ignition kernel radius was found from the
volume of the adjacent high-temperature cells
and when the ignition kernel radius R was larger
than the in-cylinder average turbulent integral
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length scale, a G(x, t) =0 surface was initialized.
Within the G(x, t) = 0 surface, the gas temperature
is thus higher than 1200 K and outside the surface
it is lower than 1200 K (Fig. 8). The value of G
at each vertex is assigned as a signed distance
function

G(%, 1)
= (k) — x, (k) + (9() — yp (k) + (2 (k) — 2, (k)
(12)

G is positive when the vertex is inside the flame
kernel and negative when the vertex is outside.
Xy, Vp, and z, are x, y, and z coordinates of any
location k on the G(x, t) =0 surface.

3. After a G(x, ) =0 surface was initiated, equation (4)
was solved to locate the flame front. In the level
set method, only G(x, t) =0 (i.e. the flame front
location) has physical meaning. The condition
VG| =1 was applied to renormalize the level set
for G(x, t) #0 at each time step [17].

7 RESULTS AND DISCUSSION

The computations started from intake valve closure
(IVC) assuming a uniform mixture distribution, and a
homogeneous natural gas and air mixture was speci-
fied at the start of the simulations. Representative
power loadings of the engine, i.e. half and full loads,

T < 12661 G =0 Surface

T>1200 K

\‘\ (Xp;¥psZp)
AN

Fig. 8 Initialization of G field

were used for the model validation. In the experi-
ments the intake temperature and pressure were
chosen to give stable but knock-free engine operation
based on previous research [4] and the test con-
ditions are listed in Table 2. The quantity of diesel
pilot fuel is less than or equal to 3 per cent of the
total fuel by energy content.

Figure 9 shows the results of cylinder pressure and
heat release rate for case 1, i.e. start of diesel injection
at —20° ATDC. Diesel fuel ignites at about —5° ATDC
and accounts for the early part of the heat release,
as predicted by the ignition model. The simulations
predict that the combustion model is activated at
about —3° ATDC and after ignition the heat release
occurs mainly at the flame front and around the
reaction zone, as simulated by the G-equation com-
bustion model. Figure 10 shows the structure of the
turbulent flame at the time of ignition and at a later
stage near the end of the combustion (35° ATDC). A
maximum turbulent flame speed of about 5 m/s was
observed. The tail of the heat release curve seen in
Fig. 9 indicates slow but steady combustion at the
late stages of combustion as a result of the decreasing
gas temperature and the fact that the flame reaches
the walls. Due to the low equivalence ratio in the
premixed natural gas/air mixture, the peak tempera-
tures are only about 1850 K. As measured from
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Fig. 9 Cylinder pressure and apparent heat release rate

(AHRR) for case 1

Table 2 Simulated operating conditions

Fuel-air
Load equivalence ratio Start of injection Tin P, Percentage Qpitot
Case (kW) (#) (CA ATDC) °C) (kPa) diesel (g/min)
1 21 0.47 —20 75 181 3 3.4
2 21 0.45 —20 95 181 3 34
3 42 0.57 —15 35 202 2 34
4 42 0.54 —20 35 202 2 3.4
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Fig. 10 In-cylinder temperature and flame structure
at two different crank angles (CA). The com-
bustion chamber surfaces are coloured with
the local gas temperature (temp) and the flame
surface is coloured with turbulent flame speed
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the experiments and predicted by the model, these
low local temperatures result in the very low NO,
emissions given in Table 3. Predicting such low levels
of NO, emissions probably requires all the possible
routes for NO, formation and reduction. Only the
extended Zeldovich mechanism was used in this
study. Considering that the extended Zel'dovich
reactions account only for thermal NO, formation,
the NO, levels predicted by the model are close to
the experimental measurements. The unburned HC
emissions are primarily unreacted premixed fuel, i.e.
methane. The low combustion temperatures late in
the expansion stroke do not favour oxidation of
methane located next to the cold walls. However, the
HC emissions predicted by the model are lower than
their experimental levels. It should be mentioned that
wall quenching and crevice flow phenomena [28]
affect the details of late combustion and unburned

Table 3 Measured and predicted NO, and HC emissions
(exp. = experimental, sim. = simulation)

Emissions (g) Case 1 Case 2 Case 3 Case 4
NO, (exp.) 1.95e —4 3.15e —4 4.7le—4 8.22e —4
NO, (sim.) 2.7¢ —4 4.26e —4 7.38e —4 7.0e —4
HC (exp.) 3.96e —2 2.85e —2 l.1le—2 1.57e —2
HC (sim.) 2.83e —2 2.34e —2 0.87e —2 1.42e —2

HC emissions. The experimental heat release data
show negligible heat release after 50° ATDC while the
model still predicts finite heat release. Thus, model
improvements to account for flame-wall interactions
could further improve the accuracy of the model
predictions in the present dual-fuel combustion
simulations.

Figure 11 shows the cylinder pressure and heat
release results of case 2 in which a higher intake tem-
perature (95 °C) was set. It is very interesting to note
that increased intake temperature does not result in
earlier start of combustion. For both 75 and 95 °C,
the combustion starts at —2° ATDC. The authors
believe that when diesel fuel is injected close to TDC,
the compression temperatures are high enough for
both the intake temperature settings to initiate auto-
ignition of diesel fuel. Therefore, the ignition delay
is mainly controlled by the mixing of diesel with air.
As the overall in-cylinder fluid motion is almost the
same, the change in intake charge temperature from
75 to 95 °C does not have a great impact on diesel-air
mixing and start of ignition. But increased intake
temperature resulted in higher peak temperature of
combustion as shown in Fig. 12. As expected, a sub-
stantial increase in engine-out NO, emissions and
a moderate decrease in HC were obtained in the
measurements and predictions (see Table 3).

Figures 13 and 14 show the results of full load cases
at different injection timings, i.e. cases 3 and 4. The
overall agreement is reasonable considering that the
same model constants are used for the different load
and intake conditions, although the discrepancy in
engine rate of heat release for case 3 leads to larger
discrepancies in the NO, emissions predictions, as
seen in Table 3. The experimental results show that
advancing the injection timing from —15° ATDC to
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Fig. 11 Cylinder pressure and apparent heat release
rate (AHRR) for case 2
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Fig. 14 Cylinder pressure and apparent heat release
rate (AHRR) for case 4

—20° ATDC leads to increased NO, emissions. But
the model does not predict this trend. The model
predicts almost the same amount of NO, for both
cases 3 and 4. As said previously, this is due to the
fact that the model predicted heat release rates for
case 3 are higher than experimental heat release
rates. The higher simulated rates of heat release in
Figs 9, 11, and 13 are probably due to the higher
burning rates predicted by the model. Higher burn-
ing rates could be due to higher flame speeds pre-
dicted by the model than they may have actually
been in the experiment or due to a different extent
of fuel oxidation predicted at the flame front when
compared to the experiment.

8 CONCLUSIONS

A flame propagation model based on the level set
method was implemented in the KIVA-3V CFD code
and applied for dual-fuel engine modelling. The
model accounts for diesel spray ignition phenomena
and the subsequent flame propagation in a premixed
natural gas mixture. The model was found to pre-
dict combustion and emissions at low diesel pilot
quantities reasonably well. The validation conditions
included different engine loads, start-of-diesel-pilot-
injection timings, and intake conditions. The study
found that accurate laminar flame speed data are
required to predict flame propagation rates and the
present model could be further improved by con-
sidering the details of flame-wall interactions and
crevice flow contributions that affect late combustion
and unburned HC emissions.
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APPENDIX

Notation

A area of flame in cell
AHRR apparent heat release rate
ATDC after top dead centre

Cp heat capacity

CAD crank angle degree

D, turbulent diffusivity

Da DamKohler number

Int.
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vvertex
Vbt
Xp» Ypr Zp

Yy

yb

combustion progress variable
integral length scale

laminar flame thickness
computational cell or vertex index
curvature of the mean flame front
diesel pilot quantity

radius of ignition kernel

turbulent flame speed

unburned gas temperature
volume of cell

velocity of moving cell vertex
bulk flow velocity

X, ¥, and z coordinates of G=0
location

concentration of species i in
unburned mixture

concentration of species i in burned
mixture

Y§ local and instantaneous
thermodynamic equilibrium
concentration of species i

A heat conductivity

o density

T laminar kinetic timescale

T turbulent timescale, C,,,k/¢
¢ fuel-air equivalence ratio

Subscripts and superscripts

b burned

bf bulk flow

i species index
| laminar

M mean

t turbulent

u unburned
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